The ride dynamic characteristics of an urban bus were investigated through simulations with suspension component characteristics and were validated through field measurements. It was performed on highway road at a constant forward speed. A random vibration bus model with two parallel tracks of terrain profile was synthesized with superposition between the left and right sides as well as time delay between front and rear. The bus frequency response model was introduced with embedded modal extraction data to enhance computation efficiency. The simulation results of the bus model were derived in terms of acceleration PSD and frequencyweighted root mean square acceleration along the vertical axes at three locations, namely, driver side, middle, and rear passenger side, to obtain the overall bus ride performance. Another two sets of new leaf spring design were proposed as suspension parameter analysis. The simulation approach provides reasonably good results in evaluating passenger perception on ride and shows that the proposed new spring design can significantly improve the ride quality of the driver and passengers.
Introduction
Ride dynamics is a critical factor in evaluating the performance of a vehicle. Evaluation of ride dynamics can be carried out either through computer simulation or experimental field data measurements. Experimental results provide accurate data, but tuning the suspension in practical applications is tedious and costly. Nowadays, the ride dynamics of a vehicle has been extensively raised parallel with the significant growth of computation power, which assists in seeking suspension design to provide comfortable ride. A comfortable ride is closely related to the level of vibrations of the vehicle where the passenger is satisfied. Numerous standards for human comfort according to vibration have been published and widely adopted in the automotive industry; examples of these standards include the Janeway comfort criteria (SAE, 1948) and the International Standard ISO 2631-1 [1] [2] [3] . The latter is the most comprehensive ride index and is widely adopted by the researchers worldwide because of its high accuracy.
Originated from a typically simple mechanical-based system, road vehicles have evolved into a complex interdisciplinary mechanical system that includes fluidic and electrical systems. Modern road vehicles are complex mechanical dynamic systems where multiple translational and rotational motions are coupled [4] . The ride dynamics of a vehicle is mostly dependent on the suspension systems installed. Unlike passenger cars, buses utilize different types of suspension systems because of their heavy load carrying capacities. Most buses have leaf springs and large shock absorbers as their secondary suspension system. Generally, leaf springs can be divided into conventional type multileaf springs and parabolic leaf springs. Parabolic leaf springs are widely used in buses as primary suspension system because of their simplicity in structure and less interleaf friction. A conventional multileaf spring has a constant thickness across its length, 2 Advances in Mechanical Engineering whereas a parabolic leaf spring has a tapered cantilever profile along its length [5] . Shock absorber is another important element where its damping force versus velocity characteristic affects the ride performance of a bus.
Many researchers have provided insights into vehicle ride comfort design and analysis either through experiments or through simulations. Experimental methods usually utilize time series data for the estimation of the vehicle oscillatory on particular terrain roughness profiles. The time series data are then transformed into frequency domain or power spectral density (PSD) for ride analysis. The simulation method always consists of a numerical vehicle model and predicted road surface excitation as the input to the simulation. The numerical model is built by considering the suspension component characteristics, such as spring stiffness, shock absorber damping force, and tire vertical stiffness. The road input is adopted either from the on-road vehicle data collection or from the virtual proving ground, which is built in simulation software. The actual road profile measurements are complex and involve many instruments; therefore, prediction of road roughness is widely used. Apart from road surface excitations, many other factors affect the ride quality of a bus. These factors include suspension characteristics, vehicle forward speed, vehicle linkage geometry, bus loaded and unloaded conditions, and engine and transmission vibration. Particularly, the effects of suspension parameters on ride comfort analysis of heavy-duty vehicle are worth discussing.
Recently, Pazooki et al. have modeled an off-road forestry skidder with 3D tire-terrain interaction and torsioelastic suspension. The model was validated through field-measured data from an actual vehicle [6] . It is significant to obtain the field-measured data for model validation purpose which most of the published research works have neglected. With the experimental result correlated model, the sensitivities of suspension parameters were determined to establish designs of primary and secondary suspension systems [7] . In the field measurement and correlation analysis performed in [6] , a road roughness model of plowed field and pasture was established with the military. A new roughness model was also proposed. For the ride simulation, a torsioelastic forestry skidder model with complex tire-terrain interaction was built. The model was found to have high accuracy. However, the methodology for the 14-degree-of-freedom model built was complicated and time consuming. As for spring design engineers, simplified vehicle model with acceptable accuracy to predict the vehicle model is sufficient. A simple guideline for leaf spring design on vehicle ride analysis is enough for ride estimation. It is significant to have a method to establish the vehicle model in a short period of time for ride analysis purpose.
Another research work by Yang et al. also analyzed the ride comfort in a tractor with tandem suspension by conducting simulations using a multibody dynamic approach with specified road surface roughness [8] . The annoyance rate model was introduced and then validated through simulations and experiments. The ride comfort of the tractor was optimized based on the annoyance rate model. The tedious subjective survey questionnaire conducted in this research actually is devoted to the significant improvement of ride comfort of the vehicle. However, the validation of the suspension component models was not performed. The leaf spring model could be deviated from the actual vehicle tested. Uys et al. conducted an optimization simulation on Land Rover Defender's suspension system with different roads and speeds as parameters through simulation model [9] . This research considered the effects of different speeds and road conditions on suspension tuning. In their model, vehicle interaction between left and right track as well as front and rear was neglected. The neglected part would lead to reduction of result accuracy.
Kumar and Rastogi analyzed the ride dynamics of an Indian railroad vehicle using the vertical acceleration response under different speeds [10] . The railway vehicle was modeled using the bond graph method. The Sperling ride index was implemented to objectively determine the ride comfort of a rail vehicle, whereas Gangadharan et al. constructed a finite element (FE) model of railway vehicle and performed suspension parameter analysis [11] . They used the ISO 2631-1 ride index instead of the Sperling ride index in the analysis. ISO 2631-1 ride standard has been widely adopted by various ground vehicle applications due to its accuracy and complete coverage of frequency range. Yonglin and Jiafan analysed the suspension stiffness and damping on the vibrational behavior of a bus through a Matlab model [12] . In the analysis, the proposed road PSD of asphalt-concrete pavement was used as input to vehicle quarter model, and the ISO 2631-1 ride comfort criterion was implemented to identify the ride quality based on the spring stiffness and shock absorber damping effects. Quarter vehicle model used in the analysis is not sufficient to predict the whole vehicle oscillation behavior and ride quality especially for bus. Bus is a long cantilever vehicle where the response of the vehicle is varying from the front to the end.
The road irregularity, as a stationary ergodic process, is generally illustrated by PSD function in frequency domain. The terrain roughness model in frequency domain provides basic information regarding the ride dynamics of a vehicle. Pazooki et al. compared the acceleration in PSD form from both experimental and simulation methods of a forestry skidder to validate the vehicle model [7] . The acceleration PSD response spectra obtained along the vertical, fore-aft, lateral, pitch, and roll axes of the vehicle were compared and then weighted according to the ISO 2631-1 ride index. Vehicle body acceleration time history data containing the vehicle oscillatory and resonant frequency could be extracted from the data. Meanwhile, the road profile acceleration time domain model contains detailed information on the road. Such detailed information can be regenerated through various methods, such as white noise filtration by Yonglin and Jiafan [12] and artificial neural networks by Ngwangwa et al. [13] . The stochastic time domain model was used to simulate responses on a vehicle for ride comfort analysis [11] and to estimate vehicle response and road friendliness [13, 14] . The natural frequencies of a vehicle on the road can also be estimated by observing the peak of the data after conversion into frequency domain. For actual road excitation PSD measurement, advance instruments and techniques were required. Therefore, ISO has proposed a standard road Advances in Mechanical Engineering 3 roughness and wave number for general usage and is widely adopted in automotive industry [15] .
In this study, a comprehensive full bus ride dynamic model was derived with integration of shock absorbers, leaf springs, and antiroll bar characteristics to evaluate the suspension design concepts. The bus ride model was formulated through the FE method and solved through a new approach, modal frequency response analysis with superposition between the left and right sides as well as time delay between the front and rear. Road surface excitation input was generated in PSD form through the proposed terrain roughness and wave number for good highway ride as suggested by Wong [16] . The ride dynamic responses of the model were evaluated under excitations representing an equivalent terrain through random response analysis with modal parameters. Ahead of modal frequency response function (FRF) simulations, normal mode analysis was performed to obtain the natural frequencies and mode shapes of the vehicle model. Modal analysis was also conducted to comprehensively determine the vehicle oscillatory behavior. This FRF analysis utilizes modal simplified bus model where other methods do not apply. Previous research simplified the vehicle model, such as half car model [17] , and neglected suspension wheel hop [6] . One of the major approaches in this paper is how the modal analysis assists in the bus ride comfort. An experimental field test was performed and correlated with the simulation to validate the modal simulation result. The bus ride model was used to evaluate the ride performance of a vehicle with suspension characteristics as design parameters. The main objective of this research is to determine the effects of suspension system on bus ride characteristics and to improve suspension module design. In practical applications, the testing method to refine the vehicle ride performance is tedious and costly because real bus and numerous suspension prototype samples are required. Moreover, test equipment and an experienced driver are also required for bus ride testing. Therefore, the simulation method reduces the prototype cost and the development duration of the suspension components. In this study, the simulation procedure was performed to evaluate the suspension systems and to enhance the ride comfort of the bus. The effects of long distance travel in bus on bus driver and passengers with improved suspension design are greater than traditional design because of the less vibration exerted. Prolonged excessive vibration exposure causes sickness feeling, which could cause severe health problems or accidents.
Modeling of Suspension Components
Bus is a passenger vehicle that utilizes solid axle as the primary suspension system. A solid axle consists of a central differential in a single housing that also contains the drive shafts that connect the differential to the wheels. The axle is typically suspended with leaf springs and shock absorbers. The axle is also attached to antiroll bars to reduce the body roll of a vehicle during fast cornering or over road irregularities.
Leaf Springs.
The P-2 type parabolic leaf springs used in this analysis are shown in Figure 1 [18] . As shown in the figure, the parabolic leaf spring has parabolic profile from the center to the end of the spring with a gradually reducing thickness. The varying thickness in between is devoted to the stiffness of the spring designed. In most cases, the design of parabolic leaf springs depends on the desired vertical rate, which is relevant to the mass of the vehicle. The vertical rate for parabolic leaf springs was calculated based on beam deflection theory as follows [18] :
where is the spring material elastic modulus, is the thickness at the center of the spring, is the width at the center of the spring, is the length of the cantilever, and V is the vertical rate factor. The lateral rate of the parabolic leaf spring was also considered in the design. The lateral rate was calculated as follows [18] :
where is the lateral rate factor. Subsequently, the stress level of the spring, which extends for the length of spring with parabolic contour thickness, was validated within design limitations. The peak stress, , was calculated as follows [18] :
where is the vertical load [18] . The vertical stiffness of the parabolic leaf spring adopted in the bus was tested ( Figure 2 ) to compare calculation and experimental value. The eye of the parabolic leaf spring is free to rotate while a vertical load is applied from the centre of the spring. The displacement of the parabolic leaf spring was then measured. The vertical stiffness was calculated based on the force and displacement relationship.
Shock
Absorbers. The shock absorber, also known as damper, dissipates kinetic energy. The shock absorber is an important part of an automotive vehicle because it affects ride comfort. The selection of suitable shock absorbers is significant and is divided into three steps. First, the decision of the critical damping of the vehicle sprung mass and unsprung mass is required. The critical damping for the sprung mass and unsprung mass was also considered. The sprung mass critical damping cr ( ) was calculated as follows [19] :
where cr is the sprung mass critical damping coefficient, is vehicle ride rate, is the sprung weight, and is the acceleration due to gravity. The unsprung mass critical damping cr (us) was calculated as follows [19] : where the is tire rate. The damping ratio , which is relating the damping coefficient to critical damping coefficient, was calculated as follows:
where is the damping coefficient and cr is the critical damping coefficient [19] . The damping constant could be obtained from experimental testing as shown in Figure 3 . The compression and rebound ratio were then determined. The determination of these parameters is very subjective. The compression and rebound damping speed were obtained based on the decided compression or rebound ratio. Then, damping force and velocity relationship of the absorber was tested experimentally using a damping force tester ( Figure 3 ). The shock absorber was mounted on the damping force tester via revolute joint at the top and bottom. The velocity was set and the damping force was generated during the recording of the piston speed in the shock absorber.
Antiroll Bars.
The front and rear axles of conventional buses had antiroll bars to enhance the roll stiffness of the vehicle. The antiroll bar can be idealized as a torsional stiffener connected between the sprung and the unsprung mass. When the roll bar undergoes a relative rotation between the two masses, the restoring moment Φ related to its roll stiffness Φ is generated. Φ and Φ were calculated using (7) and (8) [20] :
where Φ is the roll displacement of the sprung mass and Φ is the roll displacement of the unsprung mass [20] :
where is the shear modulus of antiroll bar material, is its diameter, is length of trailing lever, and is the effective length of the antiroll bar [20] . HyperMesh (HyperMesh is a copyright of Altair Hyper-Works, Altair Engineering Inc.). Rear and front parabolic springs were assembled to form the suspension module. The shock absorbers were modeled as 1D element and attached in tilted orientation to save space. The parabolic springs were mounted on the solid axle, whereas antiroll bars were attached to the shock eye of the parabolic springs. Subsequently, a 10-degree-of-freedom (DOF) ride dynamic model of a bus with 28819 nodes and 33102 elements was developed with six DOFs of bus body and single DOF for each wheel. A schematic diagram of the bus model which complied with ISO 8855 vehicle coordinate system [21] is shown in Figure 5 (a). A subassembly of the front suspension module was produced and is shown in Figure 5 (b). A similar procedure was carried out for the rear suspension module ( Figure 5(c) ). The combination of 1D element, 2D quadrilaterals with four nodes in order, and 3D hexahedra with eight nodes was implemented in this case. The 1D element Bar2 was used to model axial, bending, and torsion behaviors. In the FE analysis, the correlation of the stiffness between the FE method and the experimental testing is important. The linear static scheme was applied as preliminary analysis. A few assumptions were made in acceptable engineering standpoint within the simulation. In this model, bus chassis is represented by rigid bodies in ride analysis [22] . Bushings among the joints were also neglected in the simulation. The bus body model with suspension was generated, with the data shown in Table 1 . The suspension module is connected to the bus model body through rigid elements. The center of gravity of the bus model was approximated by the front axle weight and the rear axle weight by using force equilibrium assumptions.
Full Ride Dynamic Model
Modal analysis for frequency response was conducted at the early stage. Vibration analysis was solved either through the Lanczos method or through the automated multilevel substructuring eigenvalue solution (AMSES) method to extract the eigenvalues to be used for modal analysis. In this case, the Lanczos method was adopted towards exact solution. The AMSES provides quick solution but solves only a portion of the eigenvectors. The Lanczos method first reduces the general matrix into the tridiagonal form and finds the solution for the tridiagonal matrix. The general matrix is the × real symmetric matrix. Let V 1 be a unit starting vector, typical generated randomly. Using Lanczos Advances in Mechanical Engineering 7 
then the eigenvalues and the corresponding eigenvectors calculated from the tridiagonal matrix are [23] [
Based on the orthogonal properties of the eigenvectors, the expressions for resonant frequencies and corresponding mode shapes were given by [23] {Φ
Then we get
where and are, respectively, the stiffness and mass of the structure in th mode corresponding to the eigenvector Φ and the resonant frequency [23] . The measured frequency range, which is the output request for a frequency within 0.1 Hz to 80 Hz, was requested. The vehicle ride vibration due to excitation contributions from road surface roughness ranged from 0.3 to 28 Hz [24] , as proposed by Kawamura and Kaku, and the frequency of interest ranged from 0.5 Hz to 50 Hz, as recommended by Kawamura and Kaku [25] . Therefore, the output frequency up to 80 Hz is sufficient to cover the analysis due to road disturbances. 
Excitation from Road Surface
The PSD of the roughness of smooth highway road in good condition, as a function of temporal excitation frequency, was expressed as follows [16] :
where is the temporal excitation frequency of excitation, is the velocity of the bus, is the road roughness coefficient, and is the wave number. The values of the road roughness coefficient and the wave number for the asphalt smooth highway in good condition proposed by the ISO are listed in Table 2 .
Apart from the wave number and road roughness coefficient, the bus speed was determined to be 20 m/s (72 kph). The frequency range of 0.1 Hz to 50 Hz was adopted because the road roughness on a particular frequency range had the most significant impact on the vehicle oscillatory behavior. The present study of the PSD with the parameters considered was plotted and compared with ISO road classification ( Figure 6 ). As shown in Figure 6 , the present study on smooth highway road was categorized as Class B (good road condition). The PSD of the smooth highway road was used as road excitation input to the simulations.
Random Vibration
Excitation from the ground was described as random function to provide more realistic results of bus ride characteristics. The instantaneous value of a random function cannot be predicted in a deterministic manner. The road profile encountered by the wheels of a vehicle is made up of a series of bumps and depressions that cannot be predicted. However, the road profile could be defined as a stationary ergodic process where the ensemble measurements have statistical features that are independent of time and where temporal average is the same for all ensemble measurements. The mean and standard deviation of the recorded acceleration time history will not change over time. PSD specification, which defines load set PSD factors, was used in the random analysis.
If ( ) and ( ) are the complex frequency responses due to the load cases and , respectively, then the PSD of the response is as follows [25] :
where ( ) is the PSD of the two sources, the individual source is the excited load case, and is the applied load case. The cross spectral density ( ) with two different sources could possibly be a complex number. The autocorrelation 
function
( ) for an ergodic stationary process of variable can be defined as [25] ( ) = lim
The root mean square value of the response ( ) can be written as follows:
where ( ) is a function of PSD [25] . The complex frequency response can be achieved by modal frequency response. The PSD function of the input is defined as a tabular function of frequency for use in random analysis. The PSD function of the input was obtained through on-road data experimental method. The modal frequency response function was set up for this random vibration analysis. The input is the combination of dynamic loads and transformed into modal coordinates using the eigenvectors [23] :
The modal mass matrix and the modal stiffness matrix are diagonal. If the eigenvectors are normalized with respect to the mass matrix, the modal mass matrix is the unity matrix and the modal stiffness matrix is a diagonal matrix holding the eigenvalues of the system. This way, the system equation is reduced to a set of uncoupled equations for the components of modal response that can be solved easily. The nodal transformation method has been applied for dynamic transformation-tapered Timoshenko beam in [26] .
The collected vibration signal from the road that was converted into PSD function was used as the input into the random vibration function. To use the modal frequency response, dynamic load tabular function, which is a frequency-dependent dynamic load for frequency response problem, is defined as [27] (Ω) = * (Ω) ( 
where is applied load and is coefficient for generating frequency-dependent dynamic loads. For the rear side, a function of time lag is assigned. The time delay is defined as [26] = ( + ) ,
where and are the distances from the center of suspension to the center of mass of the vehicle from the front and rear, respectively, and is the vehicle speed [26] . In this study, the front and rear dynamic load superposition function was applied to combine the load sets of the front and rear. The left and right sides of the front and rear responses of the function were combined into the front and rear functions. After a complete list of the dynamic load tabular functions, a set of frequencies for the modal method of frequency response is analyzed by specifying the number of frequencies between modal frequencies. In order to obtain a better resolution near the modal frequencies where the response variation is highest, a cluster value is applied according to the equation [27]
where = −1 + 2( − 1)/(NEF − 1), a parametric coordinate between −1 and 1:
= excitation frequency in the subrange; 1 = frequency at the lower limit of the subrange; 2 = frequency at the upper limit of the subrange; NEF = the number of excitation frequencies.
The insertion of a cluster value provides either a closer spacing of excitation frequency towards the ends of the frequency range or a closer spacing towards the center of the frequency range, depending on the cluster index [27] . In design optimization, the excitation frequencies are derived from the modal frequencies computed in each of the design iterations.
Results and Discussions
A basic characteristic of parabolic leaf springs is forcedisplacement dependence. The vertical stiffness of the parabolic spring is defined as the load per unit deflection of the spring. The vertical stiffness of the parabolic leaf spring can be obtained through an experimental setup as shown in Advances in Mechanical Engineering 9 Figure 2 . The results of the experimental tests are plotted in Figure 7 . As seen in Figure 7 , the vertical stiffness of the front and rear parabolic leaf springs remains constant before they fall in the plastic region. The front parabolic leaf springs have a vertical stiffness of 278 N/mm, whereas the rear parabolic leaf springs have a vertical stiffness of 406 N/mm. For the bus model, the vertical stiffness of the rear parabolic leaf spring is higher than that of the front, as a result of the difference in the weight distribution of the bus. The engine of the bus is located at the rear side, and thus the rear parabolic leaf springs acquire a higher load carrying capacity. For the damping of the bus, the shock absorber is characterized by nonlinear force-velocity dependence. The damping force and piston speed relationship is obtained through an experimental setup as shown in Figure 2 . Figure 8 depicts the nonlinear characteristic of the shock absorber in terms of the damping force and piston velocity. The damping force versus velocity plot shows a nonlinear piecewise relationship. Different speeds exerted on the piston produce different rebound forces. In general, speeds are classified as low, medium, and high range.
The driving speed of the bus has a direct impact on the shock absorber piston velocity. As seen in Figure 8 , the rebound damping force is higher than compression because of the shock absorber inner valve and control disc settings. A higher piston speed leads to a greater rebound force generation. The damping coefficients for the front and rear shock absorber are shown in Tables 3 and 4 and 0.16, respectively, whereas the rebound and compression damping reduction factors for the rear shock absorber are 0.25 and 0.41, respectively. The damping coefficients are the primary inputs for the shock absorber. For the simulations, the vehicle speed is about 20 m/s. The damping coefficients of the medium range were chosen for the preliminary study. The compression forces of the shock absorbers exert less influence on the vehicle ride dynamics. A bus is a passenger vehicle that may be considered as a compound structure made up of many mechanical components subject to variable loadings. The ride dynamics of a bus rely on the stiffness of its suspension systems and overall mass. To analyze such dynamics, an FE approach modal analysis was performed to acquire the natural frequencies and mode shapes of the urban bus model. This approach provides the vibration behavior of the bus according to the stiffness of the suspension systems and body mass. Based on the FE modal analysis results, the first mode of baseline model is identified as the roll mode of the bus model as shown in Figure 9 A guideline for this simulation is the mode shapes with natural frequencies that range from 0.3 Hz to 28 Hz, which are associated with road profile excitation [22] . Based on (12), higher system stiffness leads to higher natural frequencies of the system. Based on the results obtained, the bus model bounce mode frequency is exorbitant and appears to be in the second mode. The first roll mode of the bus consists of a natural frequency of 2.37 Hz. The second and third modes, which are the bounce and pitch modes, consist of frequencies 2.85 and 4.99 Hz, respectively. The suspension wheel hop mode is at 9.77 Hz (rear) and 11.44 Hz (front).
An experimental setup that measures the vertical acceleration of the bus was conducted on smooth highway roads. To collect the acceleration signal, an accelerometer was embedded on the middle of the floor of the passenger location. The time history of the acceleration signal is shown in Figure 10 . The sample data was collected at a sampling rate of 50 Hz and a sample length of 25 s to ensure that sufficient information was gathered. In order to obtain the natural frequencies of the bus, the fast Fourier transform (FFT) method was utilized to convert the time domain into a frequency domain [28] . Figure 11 depicts the frequency domain of the vertical acceleration. The peak amplitude of acceleration was observed at frequencies of 2.65, 9.35, and 10.60 Hz. Natural frequencies of the simulated vehicle bounce mode were at 2.85 Hz, whereas the rear and front suspension bounce modes were at 9.77 and 11.44 Hz, respectively. For the bus body bounce mode, FE modal simulation results deviated slightly from the experimental testing results because of the rigid chassis, tire properties, neglected bushing, and so forth. However, the differences between the simulation and experiment still fell within a good correlation, and thus the simulation model was valid for further use for ride comfort analysis. The longitudinal roughness of the pavement is of a stochastic nature and has different wavelengths and amplitudes. In order to obtain the accurate vehicle oscillatory behavior, a random vibration setting was embedded into the vehicle modal model. Following the random PSD road excitation proposed in Figure 6 , the vertical acceleration time series data of the passenger seat location in the bus body was measured. To derive the overall bus ride performance, multiple points of vehicle response were requested from the FE simulation. Figure 12 depicts the details of the location where the response of the driver and passengers was measured. Three different locations were identified as response measurement points: the driver, passenger A, and passenger B. The driver's location was in the front position of the bus body. Passenger A was assigned in the middle of the bus body. Passenger B was assigned at the rear of the bus. The rms value of the acceleration reflects the intensity of the vibrations, and it was used to evaluate the influence of the vibrations on comfort. For simplicity, the analysis used the driver and the different passenger floor locations for the evaluation of the performance. The response at the driver and the two passenger locations were obtained based on the bus body bounce and pitch motions and the kinematic relation for the location. Figure 13 indicates the measured vertical acceleration of the baseline bus model from the location as shown in Figure 12 . Based on Figure 13 , the peak acceleration value for the preliminary analysis concentrated on the vehicle bounce and pitch mode frequencies, as well as the suspension wheel hop mode. The peak vertical acceleration on the driver position is highest at the vehicle pitch frequency whenever the passenger position's peak is located at the bounce frequency. The driver region consists of the highest PSD acceleration amplitude of 41.17 (m/s 2 ) 2 /Hz at pitch frequency 4.99 Hz, whereas the second peak amplitude of PSD acceleration of 13.00 (m/s 2 ) 2 /Hz is at frequency 30.89 Hz. The bounce frequency has a peak amplitude of 2.71 (m/s 2 ) 2 /Hz, which is less significant compared with the others. For passenger A region, the peak amplitude of PSD acceleration is around 2.85 Hz to 3.09 Hz, the same range for the region of the bounce frequency. The peak amplitude of PSD acceleration is 10.06 (m/s 2 ) 2 /Hz at 3.09 Hz, whereas the second peak amplitude of PSD acceleration is 6.64 (m/s 2 ) 2 /Hz at the rear suspension wheel hop mode's frequency of 9.24 Hz. Passenger B experiences peak PSD acceleration amplitude at a frequency of 3.08 Hz for a magnitude of 19.80 (m/s 2 ) 2 /Hz. Another peak amplitude of PSD acceleration is observed at frequency 10.14 Hz, where the PSD vertical acceleration is 16.26 (m/s 2 ) 2 /Hz. A few assumptions were made for the simplicity of the model. Tire properties and ground interaction were neglected. Bushing, linkages, and chassis were represented in rigid form. Each of the simplifications caused the rms acceleration to be higher than the actual bus.
After the power spectra density of the point was obtained, further analysis related it to any ride comfort criterion available. In compliance with ISO 2631-1, the frequency-weighted rms acceleration is recommended [3] . The overall frequencyweighted acceleration should be determined by weighing and the appropriate addition of a narrow band or a one-third octave band data over the frequency range of interest. Prior to that, the transformation of power spectra density into rms values of acceleration as a function of frequency is necessary. As proposed, the rms value of acceleration at each center frequency can be calculated as [3] = √ ∫ 1.12 0.89
where is the rms acceleration, is the center frequency, and V is the power spectra density function for the acceleration. After obtaining the rms values, the conversion of the one-third octave band data is performed with the ISO weighting factors as indicated in Figure 13 . The overall frequency-weighted acceleration is determined through the equation [3] = √ ∑ (
where is the rms of the weighted vertical acceleration, is the weight factor of the th central frequency of the one-third octave band excitation range, and is the rms of the acceleration of the th central frequency of the one-third octave band excitation range [3] . As can be observed from Figure 14 , the vertical weighting factor is the highest in the frequency range of 4 Hz to 8 Hz. The principal weighting curve defines human sensitivity towards vertical vibration as the most significant at a particular range of frequencies. The vehicle bounce and pitch modes are the major contributions to the vertical vibration. Passenger comfort on the road depends on the bounce and pitch motion of the vehicle [29] . In order to prevent the discomfort in a vehicle ride, the ride mode (bounce and pitch) of the vehicle must be lower than 4 Hz to prevent excessive vertical vibration. Further, motion sickness, which is derived from the vertical vibration, also needs to be taken into consideration. The vibration of vertical motion sickness is in the range of 0.1 Hz to 1 Hz. Discomfort frequencies range from 4 Hz to 10.5 Hz [30] . The optimum comfort zone for the vehicle body to bounce and pitch motion is hence designed within a range of frequencies greater than 1 Hz and less than 4 Hz.
Different vehicle designs and operating parameters, including the linkage between components, vehicle forward speed, vehicle load, and terrain roughness, affect the ride performance of the vehicle. Suspension characteristics also influence the load carrying capacity of the vehicle instead of the vehicle ride. In this analysis, the suspension characteristics of the bus model are used to study the sensitivity of ride responses to variations and to seek desirable suspension designs. The modification in suspension systems influences the bus riding response of the front, middle, and rear passengers, respectively. Different positions in the bus body exhibit different vibration responses, and thus three points in the bus as recommended in Figure 12 are acquired for a holistic bus ride analysis. Frequency-weighted vertical acceleration results for the baseline model are summarized in Table 5 . Frequency-weighted rms acceleration indicates the sensation of the passenger base in relation to human sensitivity, whereas the unweighted frequency rms acceleration reveals the overall bus ride performance. Passenger A experiences the highest level of comfort compared to the driver and to passenger B. The region between the front and rear suspensions experiences less vibration because of road excitations and is considered the most comfortable region of a bus. The driver and passenger B regions experience higher amplitude of acceleration when the vehicle oscillates as shown in Table 7 . For suspension design purposes, a sensitivity analysis of suspension parameters has been carried out by altering the leaf spring stiffness and shock absorber damping coefficients. The frequency-weighted and unweighted accelerations for three prescribed points are listed for a detailed description of the whole bus ride analysis.
To classify the modification on the suspension parameters, the increase of leaf springs stiffness is called "Iteration 1, " whereas the reduction of leaf spring stiffness is called "Iteration 2". Iteration 3 is the utilization of high speed damping, whereas Iteration 4 is the utilization of low speed damping. The original bus suspension is tagged as the baseline. A modal analysis is performed against the changes of Table 8 . Compared with Iteration 1, the frequency of the bus roll mode is reduced when the spring stiffness is reduced. Nevertheless, the second mode, the bus bounce mode, is shifted from a pure bounce mode to a mixed mode combining the roll and bounce modes. The mixed mode is detrimental to the ride dynamics of the bus because a higher acceleration is exerted on the vehicle body. The gap of the frequencies between the first and second modes is too small where the resonance can happen simultaneously. The first mode of Iteration 2 is the roll mode, and the second mode is the mixed mode. The natural frequency of the pitch mode is reduced for both Iterations 1 and 2. When comparing the rear suspension wheel hop mode of Iteration 1 to the baseline model, the natural frequency is shifted from 9.77 Hz to 9.70 Hz. This shift implies that the reduction in the stiffness of a system exhibits a reduction in natural frequency [23] . On the contrary, in Iteration 2, an increase in the parabolic leaf spring vertical stiffness produces an increase in natural frequency from 9.77 Hz to 9.82 Hz. Although the variation in the natural frequency is exorbitant, the influence on ride performance noticeably varies. The front suspension wheel hop mode for both Iterations 1 and 2 does not undergo significant changes in natural frequency when the vertical stiffness of the parabolic leaf spring is altered. By contrast, a slight change occurs in the rear suspension wheel hop mode.
The changes in suspension wheel hop mode are affected by the mass distribution of the bus. A small change in leaf spring stiffness produces minor effects in the natural frequency. Shock absorber damping, another suspension element, is also considered in this analysis. Complex eigenvalue analysis is performed when the damping of the mode is included. Real eigenvalue analysis is used to compute the normal modes of a structure, whereas complex eigenvalue analysis is used to compute the complex mode of the structure. In this analysis, damping is computed as an imaginary part, which has no effect on the real eigenvalue. Therefore, the natural frequencies are observed to be the same as the baseline design.
Road profile excitation is given in all suspension changes that seek ride enhancement. A comparison of the PSD acceleration of all iterations is plotted in Figure 15 . From Figure 15 (a), passenger A is the most significant region because most of the passengers are concentrated in this region. Based on Figure 15(b) , the PSD acceleration of the human sensitivity region at 4 Hz to 8 Hz is considerably low. Iteration 2 yields a higher peak PSD acceleration at frequency 2.78 Hz with 12.86 (m/s 2 ) 2 /Hz. The PSD acceleration of Iteration 3 shows a great reduction of peak amplitude at frequency 9.77 Hz. However, the PSD acceleration in the range of 4 Hz to 8 Hz is increased drastically. This increase means that an overwhelming damping force is causing much discomfort to the bus. Low speed damping (Iteration 4) has insignificant differences from the original design. The rear passenger region experiences less comfort when compared to the middle passenger region. Based on the peak and trend analysis from Figure 15 (c), an increase in parabolic leaf spring stiffness directly affects the pitch mode and PSD acceleration around the critical region with which the ride comfort of the rear passenger and the driver is associated.
The frequency-weighted accelerations of all iterations are summarized in Table 9 . An increase in leaf spring stiffness leads to a significant decrease in frequency-weighted acceleration, especially at the driver region. By contrast, a reduction of leaf spring stiffness also leads to a reduction of frequency-weighted accelerations. This decrease indicates that the ride quality of the driver of this bus model is improved either through an increase or through a decrease in leaf spring stiffness. From the perspective of passengers A and B, a reduction in leaf spring stiffness obviously leads to a reduction in frequency-weighted acceleration. Subsequently, the whole bus ride quality is raised with a reduction in leaf spring stiffness. Less stiff springs yield smaller peak amplitude of acceleration on the bus body and allow for a greater ride index. To target the improvement of bus riding, reduction in acceleration is necessary at the middle region, where most of the passenger seats are located. At the same time, the Advances in Mechanical Engineering driver's perception must be taken into consideration. In this case, the reduction of leaf spring stiffness successfully fulfills the requirement of reducing the frequency-weighted acceleration and enhances the ride quality of the bus. In another case, the effects of shock absorber damping modifications are considered. When shock absorber high speed damping coefficient is applied in the model, the frequencyweighted acceleration is drastically increased in the region near the driver, passenger A, and passenger B. The damping force generated is overage and causes discomfort to the whole bus. By contrast, the frequency-weighted acceleration of the passenger is increased when a low speed damping coefficient is induced. However, no significant changes occur in the PSD acceleration between the shock absorber damping coefficients for low and medium speed damping. The medium speed damping coefficient indicates the primary input of the original design. The damping force generated during low and medium speeds is suitable to this driving condition. Traditionally, the vehicle ride analysis was performed through frequency response analysis. A new approach, modal frequency response function, has been performed to identify the output response of the bus body. Compared to the traditional frequency response analysis, the time for solving the LTI systems has been reduced significantly. The modal FRF model could be solved within few minutes while the conventional FRF model may take few days to complete. This allows the suspension designer to perform modifications on suspension design and to analyse their performance in a short period. Meanwhile, high computational power is required for conventional FRF model where cost of computing power is high. This method extracts the eigenvalue of the linear vehicle system for the analysis. Therefore, the matrix is tridiagonal and solution for the matrix is faster.
Conclusions
This study developed a comprehensive full bus ride dynamic FE model by integrating the simplified tire, shock absorbers damping, leaf spring stiffness, and antiroll bar roll resistance characteristics. The vehicle dynamic of a bus was described in mode shapes and natural frequencies through a modal analysis. The modal analysis results showed the natural frequency change with respect to parabolic leaf spring stiffness. The variation of natural frequencies significantly affected the ride quality of the bus due to resonance effect. Based on the results, a new parabolic leaf spring design with 10% stiffness reduction enhances the ride index of the driver, middle, and rear passenger by 28.5%, 33%, and 7%, respectively, compared to the original leaf spring design. The overall ride quality of the bus has improved. Besides, through the implementation of recommended modal FRF analysis, the ride quality of the bus improved with minimum spring and shock absorber prototype samples.
